The work performance of piston-cylinder liner system is affected by the lubrication condition and the secondary motion of the piston. Therefore, more and more attention has been paid to the secondary motion and lubrication of the piston. In this paper, the Jakobson-Floberg-Olsson (JFO) boundary condition is employed to describe the rupture and reformation of oil film. The average Reynolds equation of skirt lubrication is solved by the finite difference method (FDM). The secondary motion of pistonconnecting rod system is modeled; the trajectory of the piston is calculated by the Runge-Kutta method. By considering the inertia of the connecting rod, the influence of the longitudinal and horizontal profiles of piston skirt, the offset of the piston pin, and the thermal deformation on the secondary motion and lubrication performance is investigated. The parabolic longitudinal profile, the smaller top radial reduction and ellipticities of the middle-convex piston, and the bigger bottom radial reduction and ellipticities can effectively reduce the secondary displacement and velocity, the skirt thrust, friction, and the friction power loss. The results show that the connecting rod inertia, piston skirt profile, and thermal deformation have important influence on secondary motion and lubrication performance of the piston.
Introduction
The piston-cylinder liner system is a key subsystem of the internal combustion engines (ICEs); the performance of the piston-cylinder liner system influences the efficiency and performance of ICEs. The work performance of piston-cylinder liner system is affected by the lubrication condition and the secondary motion of the piston. Therefore, more and more attention has been paid to the piston skirt lubrication and the secondary motion of the piston by many scholars recently [1] [2] [3] [4] [5] [6] . Meng et al. [7] introduced the oil film inertia force effects to the Reynolds lubrication equation; the effects of oil film inertia on film pressure, hydrodynamic friction force, and transverse displacement were investigated. A nonlinear model of the piston considering the reciprocating, lateral, and rotational degree of freedom was established by Tan and Ripin [8] . In their work, the piston secondary motion and the induced vibration behavior were studied; the proposed model was validated by the experimental data. Tan and Ripin [9] identified the intermittent transient contact of the piston skirt with the cylinder liner by measuring the tilting angle and secondary displacement. The impacting force was computed from the equation of motion and the frictional force ratio of the total friction force and torque was obtained. Murakami et al. [10] proposed a piston secondary motion analysis method coupling the structure analysis and the multibody dynamics analysis. The presented method was verified by comparing the numerical results with the measurement data of the piston skirt stress, secondary motion, and the vibrational acceleration produced on the cylinder. Besides the above works, more researches on the piston secondary motion have been carried out by taking some factors into 2 Shock and Vibration consideration, such as surface roughness and lubrication condition. Meng et al. [11] investigated the influence of cylinder vibration on the lateral motion and tribological performances of the piston. The fluctuations of the cylinder vibration can be reduced by increasing mass, stiffness, and damping of the cylinder. Narayan [12] implemented a modeling of the piston secondary motion. The dynamic characteristics of the part of piston skirt and cylinder liner were analyzed, and the proposed model was validated by comparing the simulated results with the experimental data. Obert et al. [13] developed a reciprocating model test to investigate the influence of the temperature and oil supply on the tribological behavior of the piston ring-cylinder liner contacts. The real engine situation at fired top dead center was simulated by carefully adjusting the friction, scuffing, wear, oil supply, and temperature. Mazouzi et al. [14] presented a numerical secondary motion model to investigate the influence of the piston design parameters on the dynamic characteristics of a piston-cylinder contact. In their work, it was verified that the modification of clearance of the piston skirt-liner system and the axial location of piston pin can reduce the friction and piston slap. Fang et al. [15] modeled the piston skirt-liner lubrication and crank-rod-piston multibody system by taking the microgrooves on the piston skirt surface. Based on the presented model, the tribodynamic performance of the piston with skirt surface grooves was obtained and analyzed.
Regarding the influencing factors, the piston skirt profile has extreme significance for the secondary motion of the piston. Hence, the study of the effects of the piston skirt profile on the secondary motion and piston dynamics is essential. Littlefair et al. [16] analyzed the piston dynamics, thermoelastic distortion, and transient elastohydrodynamics of the lightweight piston with preferentially compliant short partial skirt. The greater entrainment wedge at bottom skirt and better conforming contact geometry at top skirt were achieved, and therefore, the load-carrying capacity was improved and the friction was reduced. McFadden and Turnbull [17] presented a model of the interface between a barrelled piston skirt and cylinder. In their work, the secondary motion and the pressure distribution of the oil film for changing the skirt profile were investigated. The research revealed that the wear of the cylinder arising from the rotation of the piston can be decreased by appropriate positioning of piston skirt. Gunelsu and Akalin [18] developed a dynamics model to investigate the secondary motion of piston for the different radius of curvature around the bulge of the barrel, the ellipse, and the aspect ratio. The secondary motion and frictional performance of the piston with the barrel and elliptical form of the skirt were analyzed. The results showed that the frictional performance can be improved via optimizing the piston skirt profiles. He et al. [19] established a numerical model of coupling lubrication and dynamic motion. The effects of the piston skirt parameters on dynamic performance were investigated, including the offset of piston pin, length of piston skirt, curvature parameter, and ellipticity. Furthermore, an asymmetrical skirt profile was proposed to reduce the thrust force on the liner. In order to investigate the influence of the design parameters of the piston skirt on the slap noise and the lubrication performance, the lubrication model of piston skirt-liner system and the dynamics model of multibody system were coupled by Zhao et al. [20] .
Apart from the piston skirt profiles, the influence of the connecting rod inertia on lubrication performance of the piston skirt-liner system cannot be neglected. Therefore, more detailed dynamic analyses of the secondary motion by considering the inertia of the connecting rod were conducted [21] [22] [23] [24] [25] . Zhang et al. [21] developed a mathematical model of piston-connecting-rod-crankshaft system. Based on the coupling model of the secondary motion and the fluid dynamic lubrication, the influence of the variation in the system inertia on the piston secondary motion and the piston side force was investigated. The center-of-mass position was confirmed to be significant for the design of the connecting rod. Meng et al. [22, 23] conducted a numerical analysis of the piston dynamics, the oil film, and the friction loss of the piston skirt-liner system by taking the connecting rod inertia into consideration. The numerical results revealed that the influence of the connecting rod inertia on the side force, the oil film thickness, the frictional force, and the piston dynamics cannot be ignored, in particular at high speed. Furthermore, Meng et al. [24] presented a transient tribodynamic model by coupling the tribological performance and the dynamic characteristics of the piston skirt-liner system. By considering the angular acceleration of the crankshaft and the transient variable engine speeds, the secondary motion of the piston and engine performance were investigated. Zhu et al. [25] calculated the stress distribution of the connecting rod with consideration of the film lubrication or not. The minimum oil film thickness and maximum oil film pressure were calculated by the Reynolds equation. The results showed that the stress concentration can be reduced using smoother rounded fillet and longer fillet radius.
The thermal deformation is also an important influencing factor of the piston secondary motion and frictional characteristics. Therefore, the thermal deformation was increasingly introduced to relevant studies of the lubrication performance of the piston skirt. Pelosi and Ivantysynova [26] built a fully coupled simulation model for the piston/cylinder interface of axial piston machines and validated the model by comparing the prediction values with measurements of the fluid film boundary temperature distribution. The influence of the heat transfer and solids-induced thermal elastic deformation on the piston skirt-cylinder lubricating interface behavior was analyzed. Ning et al. [27] built a comprehensive lubrication model of the piston skirt-liner system. By considering the thermal and the elastic deformations of the piston skirt and the cylinder liner, the piston secondary motion was investigated.
The above-mentioned researches were carried out based on the Reynolds boundary. It is reasonable on the rupture boundary of oil film, but not on the reformation boundary. Jacoboson et al. [28, 29] presented the boundary conditions of conservation of mass on rupture and reformation boundaries of oil film, that is, JFO boundary condition. Since then, JFO boundary condition was considered as important factor in the investigation of the tribological properties. Zhao et al. [30] investigated the cavitation effects on the dynamic axial Shock and Vibration stiffness and damping coefficients of spiral-groove rotary seals for the Reynolds and JFO boundary conditions. By contrasting the theoretical value with the experimental data, the verification result was obtained that computation values of JFO boundary condition were in better agreement with the experimental values than the values using the Reynolds model. Kango et al. [31] conducted a mathematical model to investigate the influence of the surface microtexture on the performance parameters of the bearing by JFO boundary condition. The realistic results can be obtained based on JFO boundary condition in comparison to the Reynolds boundary condition. Liu et al. [32] investigated the influence of the cylinder liner dimples on the lubrication performance of the compression ring-cylinder liner system based on JFO boundary condition. For different dimple area density, radius, and depth, the minimum oil film thickness and friction force were compared and analyzed under the engine-like conditions. The results showed that the spherical dimples can improve the tribological performance.
In this paper, the average Reynolds equation of the piston skirt lubrication is solved by FDM, and the secondary motion trajectory of the piston is calculated by the Runge-Kutta method. The difference of the secondary motion of the piston under JFO and the Reynolds boundary conditions is significant. In order to approach the actual working condition, JFO boundary condition is employed, and the variable and cavitation index are introduced to describe the full and rupture areas of oil film. By considering the connecting rod inertia, the effects of the longitudinal profiles of the piston skirt, the horizontal profiles, the offset of the piston pin, and the thermal deformation on the secondary motion and lubrication performance are investigated.
Secondary Motion Model
The piston makes reciprocating movement along cylinder liner; the crankshaft makes nonuniform rotation caused by piston. Figure 1 shows the geometrical model of pistonconnecting rod mechanism.
In Figure 1 , is the thrust of the gas on the top surface of the piston,̃and̃are the inertia forces of the piston and piston pin caused by reciprocating motion of piston, respectively, , , and are the inertia forces of piston, piston pin, and the inertia moment of piston caused by the 4 Shock and Vibration secondary motion of piston, respectively, and are the total lateral thrust force and lateral thrust moment of piston skirt, respectively, and are the friction and friction torque of piston skirt, respectively, and are the forces of connecting rod acting on piston in the and directions, respectively, is the gravitational acceleration, is the angle between gravity direction and -axis, CM and CM are the distances from center of mass of piston to center line of piston and to top skirt, respectively, and are the distances from center of piston pin hole to center line of piston and to top skirt, respectively, is the length of the piston skirt, and is the angle between the connecting rod and the center line of piston.
According to Figure 1 , the force equation and moment equation of piston are established
where and pin are the mass of piston and piston pin, respectively.
+ +̃+̃+
+ cos
The angle between the center line of piston and the connecting rod is
where is the length of the crankshaft, is the eccentricity of the centers of crankshaft and piston pin, and is the crank angle. The inertia forces of piston and piston pin caused by reciprocating motion of piston arẽ
wherëis the acceleration of the reciprocating motion of piston.
As shown in Figure 2 , the piston swings around the center of pin hole between the major thrust side (the side acted upon by the expansion thrust, = 0) and the minor thrust side (the side acted upon by the compression thrust, = ). In order to describe the motion of the piston, the displacement of top skirt and displacement of bottom skirt are introduced to express the displacement, velocity, and tilting angle of piston secondary motion. In Figure 2 , is the circumferential coordinate of piston, is the loading angle of piston skirt, is the tilting angle of piston around center of pin, and is the radius of piston. The inertia forces of piston and piston pin and the inertia moment of piston caused by secondary motion are, respectively,
wherë,̈are the acceleration values of the top skirt and bottom skirt.
where is the inertia moment of piston around center of pin.
By considering the inertia of connecting rod, the equilibrium equation of connecting rod is obtained.
where and are the component forces caused by the crank acting on the connecting rod in the x and directions, respectively, cr is the mass of the connecting rod, and̈c r Shock and Vibration 5 and̈c r are the components of acceleration of center of mass of the connecting rod in the and directions, respectively.
The moment equilibrium equation of the connecting rod is
where cr is the moment of the connecting rod and is the ratio of distances from center of mass and big side to length of connecting rod, as follows:
According to the equilibrium equation of force and moment of the piston and connecting rod, the equations are written as follows:
21 22
where is the lateral thrust moment of piston skirt, 11 , 12 , 21 , and 22 are relevant coefficients, is the lateral thrust force of piston skirt, and are the physical quantities of the parameters of the piston structure, and is the physical quantity of the parameters of the connecting rod; the expressions are as follows: 
Profile Design of Piston Skirt

Horizontal Profile Design.
The top surface of piston is acted upon by a larger gas pressure when the ICE operates; the piston expands outward along the pin direction because of the span between the right and left pin bosses. Therefore, the horizontal profile of piston skirt is designed as ellipse. In Figure 3 , 1 , 2 are the diameters of the major and minor axis of ellipse, is the circumferential angle, and Δ is the radial reduction of ellipse. Because of the special structure and working condition of piston, the external expansion deformation of bottom skirt is more than top skirt. Therefore, the top ellipse profile of piston is designed to be slightly smaller than the bottom one.
Longitudinal Profile Design.
In order to improve the lubrication condition of piston skirt, the longitudinal profile of piston skirt is generally designed as dolioform to reduce the friction force of the motion and strengthen the guidance effect. Meanwhile, it is beneficial to form the hydrodynamic oil film. The longitudinal profile is shown in Figure 4 ; is the radial reduction of longitudinal profile of the piston skirt, is the radial reduction of top skirt, is the radial reduction of bottom skirt, and 0 is the distance from the middle-convex point to top skirt. The dolioform profiles of skirt are normally designed as parabola, ellipse, and circle curve.
Mixed-Lubrication Model of Piston Skirt
Hydrodynamic Lubrication Model.
By considering the effect of lubricated surface roughness on flow of oil film, the oil film pressure between piston skirt and cylinder liner is solved using two-dimensional average Reynolds equation based on the theory proposed by Patir and Cheng [33, 34] .
where ℎ is the average value of actual oil film thickness, is the average hydrodynamic pressure, ℎ is the theoretical oil film thickness, is the dynamic viscosity of lubricant, is the roughness of friction surface, and are the pressure flow factors, respectively, is the shear flow factor, and is the relative velocity between the piston skirt and cylinder liner.
The pressure flow factors , [33] and shear flow factor [34] can be calculated as follows:
where = ℎ/ is the ratio of oil film thickness, is the combined surface roughness, and Ω is the surface waviness of the piston.
Define touch factor = ℎ / ℎ [35] ; while 0 ≤ < 3, can be calculated from = exp (−0.6912 + 0.782 − 0.304
while ≥ 3, = 1. The Reynolds equation can be written as
ℎ can be calculated from
By considering the elastic deformation of the piston, the oil film thickness can be rewritten as
where ( , ) is the elastic deformation of the piston caused by the oil film pressure; ( , ) is obtained by the following formula [36] :
where is the comprehensive elastic modulus of contact surface, which is related to elastic moduli 1 , 2 and Poisson ratios of piston and cylinder liner ] 1 , ] 2 .
By considering the symmetry of the structure of pistons skirt, the oil film force is calculated in a half of area ( = 0 ∼ ). On major thrust side ( = 0) and minor thrust side ( = ), the boundary conditions can be expressed as
On the top skirt ( = 0) and the bottom skirt ( = ), the boundary conditions can be written as
Because the squeeze effect of the oil film decreases gradually with the increase of the loading angle, it has smaller influence on the lubrication performance and the secondary motion. Taking certain value of loading angle, the oil film pressure approximates to zero outside of the loading angle area; the corresponding boundary condition is
According to JFO boundary condition, the rupture boundary condition of oil film is
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where is the flowing direction of the oil film. In order to couple the full oil film zone and the cavitation zone and determine the rupture and reformation boundary of the oil film, the dimensionless independent variable and cavitation index are introduced:
where is the fluid density in the full film region and 0 is the mix-density of the gas-fluid in the cavitation region. The cavitation index is
The Reynolds equation is converted into dimensionless equation and solved by the finite difference method.
As shown in Figure 5 , the area of the oil film is divided into × elements. In the direction, the number of the node is and the grid step is Δ ; in the direction, the number of the node is and the grid step is Δ .
The grid independence is verified for three sets of different numbers of the node in the and directions. Table 1 shows the comparison of the oil film pressures for different numbers of the grid (the pressures are at three points. Point 1 for = 0 ∘ , = 0.0414; Point 2 for = 28.8 ∘ , = 0.0207; Point 3 for = 165 ∘ , = 0.0621; crankshaft angle is 90 ∘ ). It can be seen that the changes of the oil film pressures are small with the increase of the grid number; the deviations among the oil film pressures are about 1% that can be neglected. The grid is independent of the calculations, but the calculation cost will increase when the grid with a bigger number is chosen. Therefore, the node numbers = 36 and = 20 are chosen as calculation grid number.
The tangential pressure of oil film on the skirt is calculated by (28) .
where Φ , Φ , and Φ are shear stress factors related to lubrication surface roughness [37] .
Solid-to-Solid Contact Model.
Because the instantaneous gas pressure of piston is variable, the lubricant film thickness between the piston skirt and cylinder liner may get thinner during strenuous movement. Therefore, the solid-solid contact may be caused by the collision of the surface asperity by considering the surface roughness. In this situation, the total lateral thrust force consists of the lateral thrust force of oil film and lateral thrust force of solid-solid contact and the total friction force consists of the oil film shear stress and asperity shear stress. The ratio of oil film thickness is normally used to evaluate the lubrication condition; when ≥ 4, the piston skirt-cylinder liner system is under hydrodynamic lubrication condition; when < 4, the piston skirtcylinder liner system is under mixed-lubrication condition, and asperity contact [38] is inescapable.
Based on the rough surface contact theory presented by Greenwood and Tripp [39] , the solid-solid contact pressure of the piston skirt and cylinder liner is calculated by
where is the asperity density of the rough surface, is the radius of the asperity curvature, and = 0.03∼0.05, / = 10
where is the asperity contact area.
Shock and Vibration
The shear force of solid-solid contact of piston skirt and cylinder liner is
where is the frictional coefficient of solid-solid contact.
Calculation of Force and Moment. The lateral thrust force
ℎ caused by hydrodynamic lubrication is
The lateral thrust moment ℎ caused by hydrodynamic lubrication is
The friction force ℎ caused by hydrodynamic lubrication is
where sign( ) is sign function. The friction torque ℎ caused by hydrodynamic lubrication is
The lateral thrust caused by solid-solid contact is
The lateral thrust moment caused by solid-solid contact is
The friction force caused by solid-solid contact is
The friction moment caused by solid-solid contact is
The total lateral thrust force of piston skirt is
The total friction force of piston skirt is The total lateral thrust moment of piston skirt is
The total friction torque of piston skirt is
Thermal Analysis Model of Piston
The heat of the piston side is mainly transferred to the oil film and gas film in the cylinder clearance through the piston junk, piston ring, and piston skirt surface. Then the heat is transferred to coolant outside of cylinder liner through cylinder liner. The coolant is considered as heat conduction terminal. Figure 6 shows the structure of the piston ring groove. The heat transfer of the piston and cylinder liner is simplified to steady state heat conduction in multilayer flat wall; the heat transfer of cylinder liner and coolant is simplified to convective heat conduction state.
where Φ is the heat flow of the heat conduction, 1 and 4 are the starting and terminal temperature, respectively, 1 is the thickness of gas or lubricant, 2 is the thickness of piston ring, 3 is the thickness of cylinder wall, 1 is the heat conduction coefficient of gas or heat conduction coefficient of lubricant , = 0.023 W/(m 2 ⋅K), = 0.4 W/(m 2 ⋅K), 2 is the heat conduction coefficient of piston ring, 2 = 0.2 W/(m 2 ⋅K), 3 is the heat conduction coefficient of cylinder liner, 4 is the convective heat conduction coefficient of cylinder liner and coolant, and is the heat conduction area; the heat conduction coefficient of different positions of the piston side is deduced from deformation formula of (44).
Shock and Vibration The piston side consists of the piston junk, piston ring groove, piston ring land, piston pin area, and piston skirt. Because the structures are different in different areas, the calculation of heat conduction coefficients is different.
The heat conduction of the coolant and cylinder liner is simplified to convection heat transfer from tube banks in crossflow. According to strong turbulence formula and Nusselt number definition, the convective heat conduction coefficients of cylinder liner and coolant are obtained When the inner of cylinder liner contacts with the oilgas mixture, the convective heat conduction coefficient is calculated by the following equation:
where is the convective heat conduction coefficient of the inner of the cylinder liner, is the thickness of the oil-gas mixture of the inner of the cylinder liner, and is the heat conduction coefficient of oil-gas mixture.
Model Solutions
Equation (11) is solved by the Runge-Kutta method. Taking the four-stroke ICE as an example, the piston motion is periodic motion. The simulation of the secondary motion is conducted in an engine cycle (i.e., the crankshaft angle is from 0 ∘ to 720 ∘ ), the time step is Δ = 2 × 10 −6 s, the initial values , ,̇,̇,̈, and̈at the moment are provided, and the oil film pressure and solid-solid contact pressure of the hydrodynamic lubrication are calculated by coupling the motion parameters of the crankshaft connecting rod system. The shear stress of oil film and solid-solid contact shear stress are solved by (28) and (31), and the force and moment are calculated using integral formula. The values , ,̇,̇, , and̈at the moment +1 are calculated by the RungeKutta method. Repeat the above procedure until meeting convergence criteria. 
where is the rotational angular velocity of the crankshaft. The convergence can be obtained after calculating 2-3 cycles.
Numerical Examples
The simulation of the piston secondary motion is carried out in a certain-type four-stroke four-cylinder turbocharged diesel engine. The parameters used in the simulation are listed in Tables 2 and 3. Table 2 shows the structure parameters of engine. Table 3 shows the material characteristic parameters of piston and cylinder liner. The variation curve of the gas pressure for different crankshaft angles is shown in Figure 7 , when the rotation speed is 1680 rpm. Figure 8 shows the comparison of the secondary motions of the piston with and without considering elastic deformation. When the elastic deformation of the piston is considered, the maximum secondary displacement and velocity increase, respectively, about 0.15% and 0.37%, the maximum 12 × 10
of the minimum oil film thickness increases about 0.20%, and the friction force and friction power loss increase, respectively, about 0.015% and 0.016%. From Figure 8 , it can be seen that the effect of elastic deformations is small within the selected data set, and therefore the piston was assumed to be rigid. So the elastic deformation of the piston is not considered as the influence factor in the current work. Figure 9 shows the comparison of secondary motions of the piston under the Reynolds and JFO boundary conditions. By considering the rupture and reformation boundaries of oil film, the secondary displacement, velocity, and the tilting angle under JFO boundary condition decrease obviously. Compared with the Reynolds boundary condition, because of the change of the oil film pressure, the maximum of the minimum oil film thickness on major thrust side increases at 135 ∘ and 495 ∘ and decreases at 270 ∘ and 630 ∘ ; the corresponding friction force and friction power loss increase to the peak at 270 ∘ and 630 ∘ . The maximum friction force and friction power loss under JFO boundary condition increase, respectively, about 48.4% and 44.7%. The results show that the reformation of oil film has effect on piston secondary motion, so it is necessary to investigate the lubrication performance of the piston using JFO boundary condition. Figure 10 shows the curve of secondary motion of the piston by considering the inertia of the connecting rod. The connecting rod inertia leads to the obvious change of the oil film pressure during the compression stroke and exhaust stroke, and the change of the pressure has an important influence on the secondary motion. In a cycle, the maximum secondary displacement and velocity and the maximums of the minimum oil film thicknesses on major and minor thrust sides increase slightly, the maximum thrust and friction forces increase, respectively, about 15.5% and 7.9%, the piston tilting angle has obvious increase at 360 ∘ and 720 ∘ , and the maximum friction power loss increases 6%. By considering the effect of the connecting rod inertia, the secondary motion is closer to the actual working condition, so the inertia of connecting rod is taken into consideration in the following numerical examples. Figure 11 shows the profiles of three different longitudinal profile skirts. Profile 1 is the profile of parabola (the deviations of top and bottom skirts are, resp., 80 m and 130 m), profile 2 is the profile of ellipse (the deviations of top and bottom skirts are, resp., 94.95 m and 135.55 m), and profile 3 is the circular curve (the deviations of top and bottom skirts are, resp., 88.89 m and 101.77 m). Figure 12 shows the effects of different profiles on lubrication performance of the piston-cylinder liner system. The secondary displacements and velocities of top and bottom skirts and the maximum of the minimum oil film thickness of profile 1 decrease obviously contrasting with profiles 2 and 3, and the maximum tilting angle of profile 1 decreases. Due to the decrease of the minimum oil film thickness, the friction force and friction power loss increase slightly. By considering the secondary motion of three profiles comprehensively, profile 1 is chosen as longitudinal profile. Figure 14 shows the effects of different radial reductions of top and bottom skirts on lubrication performance of the piston-cylinder liner system. The secondary displacement and velocity of top skirt of profile 1 decrease, while the secondary displacement and velocity of bottom skirt increase. The change of secondary displacements and velocities is beneficial to decrease the friction force and friction power loss. The maximum piston tilting angle of profile 1 decreases significantly compared to profiles 4 and 5, and the friction power loss decreases, respectively, about 3.7% and 5%. In Figure 14 , the radial reduction of profile 1 is a more reasonable design parameter. Figure 15 shows the skirt profiles of different middle-convex points, the middle-convex point of profile 1 is in the middle of piston, that is, 0 = 40 mm, the middle-convex point of profile 6 shifts to top skirt, that is, 0 = 30 mm, and the middle-convex point of profile 7 shifts to bottom skirt, that is, 0 = 50mm. Figure 16 shows the effects of different middle-convex points on lubrication performance of the piston-cylinder liner system. The secondary displacement and velocity of top skirt of the profile 1 increase contrasting with profile 6, the secondary displacement and velocity of bottom skirt of the profile 1 increase contrasting with profile 7. The maximum piston tilting angle of profile 1 increases contrasting with profile 6, and the maximum friction force and friction power loss increase slightly. Compared with profile 1, the major minimum oil film thickness of profile 6 decreases obviously for 100 ∘ ∼250 ∘ and 460 ∘ ∼610 ∘ , and the minor minimum oil film thickness of profile 7 decreases obviously for 225 ∘ ∼315 ∘ and 585 ∘ ∼675 ∘ . By considering the secondary displacements, velocities, and minimum oil film thicknesses, profile 1 is more reasonable to obtain better lubrication performance. Figure 17 shows thehorizontal profiles of different ellipticities. Figure 18 shows the effects of horizontal profiles of different ellipticities on lubrication performance of the piston-cylinder liner system. Contrasting with profiles 8 and 9, the secondary displacement and velocity of the top skirt of profile 1 are smaller, and the secondary displacement and velocity of bottom skirt are bigger. The friction force and friction power loss of profile 1 decrease slightly, and the piston tilting angle of profile 1 increases compared with profiles 8 and 9. The results indicate that the lubrication performance is better when the horizontal profile is designed as the smaller ellipticity of top skirt and bigger ellipticity of bottom skirt.
Effect of the Boundary Condition on Secondary Motion.
Effect of Connecting Rod Inertia on Secondary Motion.
Effect of Longitudinal Profile on Lubrication Performance.
Effect of Radial Reduction on Lubrication Performance.
Effect of Middle-Convex Point on Lubrication Performance.
Effect of Horizontal Profile on Lubrication Performance.
Effect of the Offset of the Piston Pin Hole on Skirt
Lubrication Performance. Figure 19 shows the effect of the offset of the piston pin hole on lubrication performance of the piston-cylinder liner system. By contrasting with the nonoffset of piston pin hole, the secondary displacements and velocities of top and bottom piston skirts increase when the piston pin hole shifts to the major thrust side. The trend of curve is contrary when the piston pin hole shifts to the minor thrust side. The reason of the difference is that the position of the piston pin hole determines the swing direction of the piston. Contrasting with the nonoffset of piston pin hole, the maximum displacement of the piston pin center decreases about 8% while the pin hole shifts to the major thrust side, the maximum friction force decreases about 19.6%, and the friction power loss decreases about 21.6%. Figure 20 shows the temperature distribution nephogram of the piston, and the maximum temperature is 520.11 K and the minimum temperature is 364.43 K. Figure 21 shows the profiles of piston skirt and cylinder liner before and after thermal deformation, when the piston and cylinder liner are in the expansion stroke. Figure 22 shows the comparison of the secondary motions of piston, piston tilting angles, minimum oil film thicknesses, friction forces, and friction power losses before and after thermal deformation. As Figure 22 shows, the maximum secondary displacement of the piston pin center decreases, and the piston tilting angle increases after thermal deformation. The minimum oil film thickness decreases greatly due to the distortion of the piston skirt profile caused by the thermal deformation, and the friction force and friction power loss increase correspondingly. From Figure 22 , the effect of the thermal deformation on lubrication performance of the piston-cylinder liner system is obvious.
Effect of Thermal Deformation on Lubrication Performance.
Conclusion
In this paper, JFO boundary condition is employed to describe the rupture and reformation of oil film of the piston-connecting rod system. By considering the inertia of the connecting rod, the influence of the longitudinal and horizontal profiles of piston skirt, the offset of the piston pin, and the thermal deformation on the secondary motion and lubrication performance is investigated. The results are as follows.
(1) Contrasting with the Reynolds boundary condition, the secondary motion of the piston under JFO boundary condition has a significant difference. The tribological performance of the piston-cylinder liner system under JFO boundary condition is closer to the realistic condition. By considering the connecting rod inertia, based on JFO boundary condition, the piston dynamic behaviors and mixed-lubrication performance of piston-cylinder liner system are analyzed. The results show that the effects of the connecting rod inertia, piston skirt profile, and thermal deformation on piston secondary motion and lubrication performance of piston skirt are significant, and the effect of elastic deformation is small within the selected data set.
(2) When the piston skirt profile is designed as parabola, the smaller the radial reduction of top skirt and the bigger the radial reduction of bottom skirt, the smaller the ellipticity of top skirt and the bigger the ellipticity of bottom skirt; the lubrication performance of piston skirt is superior. (3) When the piston pin slightly shifts to the major thrust side, the secondary displacement and velocity of piston increase, the friction force and friction power loss decrease, and the friction characteristics of piston skirt are better.
(4) By considering thermal deformation of the piston skirt, the minimum oil film thickness obviously decreases; furthermore, the piston tilting angle, friction force, and friction power loss significantly increase. The influence of the thermal deformation of the piston skirt on the lubrication performance is a nonnegligible factor, so further research on the thermal deformation needs to be conducted in the following work. 
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